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Abstract
Theoretical and experimental modal analysis of the system consisting of the Euler-Bernoulli beam axially
loaded by a tendon is studied in the paper. The beam-tendon system is modelled using a set of partial
differential equations derived by Hamilton’s principle and the coupling between the beam and the tendon
is ensured by the boundary conditions. Theoretical modal analysis is conducted using a boundary value
problem solver and the results are thoroughly experimentally validated using a bench-top experiment. In
particular, the effect of the tendon tension on the modal properties of the system is studied. It is found that
by increasing the tension, the natural frequencies of the beam decrease while the natural frequencies of the
tendon increase. It is also shown that these two sets of modes interact with each other through frequency
loci veering. The effect of the tendon mass is also experimentally and numerically studied and it is shown
that lighter tendon produces fewer vibration modes in the studied frequency region. Two further numerical
studies are conducted to demonstrate the effect of the tendon on the torsional modes of the beam, and
to study the structural stability. Overall, an excellent agreement between the numerical and experimental
results is obtained, giving the confidence in the derived theoretical model.
Keywords: beam-tendon system, theoretical and experimental modal analysis, Euler-Bernoulli beam,
frequency loci veering, Hamilton’s principle
Highlights
• A system consisting of the Euler-Bernoulli beam subjected to tendon-induced axial loading is studied
• The system is modelled using a set of partial differential equations derived by Hamilton’s principle
• The model is thoroughly experimentally validated for a wide range of loadings and configurations
• The effect of the tendon tension and its mass on the modal properties and frequency loci veering are
studied
• Further numerical studies show the effect of the tendon on the torsional modes and structural stability
Nomenclature
Symbol Description
A Area of the cross-section, m2
f Natural frequency, Hz
f exp Experimentally obtained natural frequency, Hz
fnom Natural frequencies computed using nominal parameters, Hz
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fupd Natural frequencies computed using updated parameters, Hz
f com Natural frequencies computed for beam with tip mass, Hz
Fv, Fw External excitation forces in y and z directions, N
g Gravitational acceleration, 9.81 m s−2
E Young’s modulus of elasticity, Pa
G Shear modulus of elasticity, Pa
Io Polar moment of inertia of the cross-section, m
4
Iy, Iz Moments of inertia of the cross-section about y and z axis, m
4
J Torsional constant, m4
L Length of the beam and tendon, m
m Mass of the blade per unit length, kg m−1
mt Mass of the tendon per unit length, kg m
−1
ML Weight placed on the hanging platform, kg
Mtip Tip mass, kg
Nm Number of vibration modes
P Applied tension corresponding to axial force, N
Pcr Critical force, N
Qφ External excitation moment about neutral axis (torque), N m
t Time, s
T Kinetic energy, J
U Potential energy, J
v, w Bending displacements of beam in y and z directions, m
vt, wt Transversal displacements of tendon in y and z directions, m
δW Virtual work, J
W,V,Φ,Wt, Vt Mode shape components of beam and tendon system
x Independent spatial variable, m
iV, iW i-th mode in y and z direction
y, z Coordinate axes in the plane of the cross-section
ζ Damping ratio, %
φ Torsional displacement, rad
ω Angular frequency, rad s−1
Ψ Mode shape of the system
std(•) Standard deviation
˙(•) Partial derivative with respect to time
(•)′ Partial derivative with respect to spatial variable
BC Boundary condition
FRF Frequency response function
LSCF Least-square complex frequency estimator
F-L Frequency-loading
MAC Modal assurance criteria
ODE Ordinary differential equation
PDE Partial differential equation
1. Introduction
Free vibration of beams and tendons (cables, strings) have been extensively studied, because they are
two essential structural elements that are frequently used in many engineering applications. There is an
overwhelming number of studies that focus on different aspects of beam and string modelling, application
and testing. Many review papers and monographs have been written on the topic [1–4]. Often, the beam
models are augmented to suit a particular application. For instance, beam models with pretension and
under an action of a moving mass [5] are used as models of rail road tracks, bridges or machining processes,
while the rotating composite beams are of interest in aerospace engineering where they represent rotorcraft
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blades [6]. A number of studies also investigated vibration of axially loaded beams [7] and their stability [8, 9].
Tendons have also been used in a number of applications, often as actuators or a means of vibration control.
A comprehensive review of active tendon control can be found in [10, 11]. The beams and tendons are almost
always used and modelled separately. In contrast, a coupled system that consists of a cantilever beam of a
box cross-section that is axially loaded by a tendon that passes through the body of the beam is studied in
this paper.
A few studies used a similar configuration to the present one, i.e. a beam-like structure loaded by a
tendon. In [12–14] an externally connected tendon was used for vibration control of a cantilever beam. It
was found that vibration energy of the beam in a prescribed frequency range can be removed by applying and
releasing the tension in a specific manner, thereby effectively suppressing the vibration of the beam. These
studies mainly focused on the control aspects of the problem, but the modelling of the dynamic response
was also performed using the Euler-Bernoulli beam theory and the presence of the tendon was accounted
for by an axial force, i.e. the motion of the tendon was not modelled. The axially loaded beam models were
considered in the previous studies, presumably because the dynamics of such axially loaded beams has been
well understood [7–9]. A string-beam system has been used as a representation of optic cable coupler in
[15] and its bifurcation and chaotic dynamics mathematical investigated in [16]. In these studies, the axial
tension of the string had no influence on the beam since there was no direct coupling between them. The
use of string that is mounted inside a helicopter tail boom for response suppression was numerically and
experimentally explored in [17]. Unlike in the previous studies, the system was modelled using the finite
element method. It was shown that the cable can be tuned as a vibration absorber which not only positions
an antiresonance at the excitation frequency for a critical location on the primary structure, but also shifts
the natural frequencies of the system. The interaction between the primary structure and the cable in terms
of eigenvalue loci veering was observed and will be observed also in the case of the beam-tendon system
studied herein. In this paper, a beam subjected to tendon-induced axial loading is studied. It was suggested
in [18, 19] that the tension of the tendon that is incorporated in a slender structure can be used to adjust
the structure’s dynamic properties, thereby providing a control authority necessary for vibration mitigation.
This can be used, for example, as a means of resonance avoidance in rotorcraft [20] or any other slender
structure.
The objective of this paper is to study the free vibration on a beam-tendon system. The present study
extends [18, 19] by presenting the detailed derivation of the equations of motion and boundary conditions
of the system, and by performing thorough experimental validation for a wide range of loadings and config-
urations. To the best knowledge of the authors, the means of modelling used in the paper and experimental
validation has not yet been reported in literature. The paper is organised as follows: in section 2 the
theoretical model of the system is derived using Hamilton’s principle and the numerical procedure used to
obtain the modal properties is described. The theoretical model is experimentally validated in section 3.
Firstly, the underlying beam model (without the tendon or axial load) is obtained using the model updating
in section 3.2. Then, the validation of the beam-tendon system is conducted in section 3.3 by means of the
comparison of the computed and experimentally measured frequency-loading (F-L) diagrams which show
the variation of the natural frequencies with the applied loading. The veering is studied in more detail in
section 3.4, and the effect of the tendon mass is investigated in section 3.5. Having validated the model
experimentally, two numerical studies that go beyond the experiment’s capabilities are performed in sec-
tion 4. Specifically, in section 4.1 the effect of the tendon on the natural frequency of the torsional mode is
studied, and the structural stability of the beam-tendon system is investigated in section 4.2. In section 5
the main findings are summarised, the assumptions and limitations of the theoretical model are discussed,
and a practical application of the beam-tendon system is suggested.
2. Theoretical model
The system under consideration is a straight cantilever beam with a box cross-section which is axially
loaded by a tendon. The tendon is attached to the beam’s tip, passes through its whole body (coincides
with the neutral axis) and is clamped at the same location as the beam. A rigid plate tip which serves
as a tendon attachment point is located at the free end of the beam as shown in Fig. 1 and seen in the
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Figure 1: The beam-tendon system studied
lie in the plane of the cross-section. The displacements of the beam in the z and y direction are represented
by w(t, x) and v(t, x), respectively, and the rotation of the cross-section about x axis is given by φ(t, x). The
transversal displacements of the tendon in the z and y directions are given wt(t, x) and vt(t, x), respectively.
The displacement of the tendon is generally different from that of the beam, except for the tip where they
are the same. The tendon is loaded by a constant tension P that in turn acts as an axial force applied at the
tip of the beam. The tip mass is considered perfectly rigid so its deflections do not affect the tendon tension.
Although the external loading is not required for the modal analysis, for the derivation of the theoretical
model it is assumed that the beam is excited by the time-varying forces Fw(t, x) and Fv(t, x) in the z and
y directions, respectively, and by the torsional moment Qφ about the neutral axis. Since the tendon is fully
contained inside the hollow beam, it is not directly externally loaded, but its motion is excited through the
interaction with the beam at the tip. The motions of the beam in different directions are not coupled to
each other or to the rotation of the cross-section since there is no initial pre-twist and the cross-section is
symmetric. The beam and the tendon are assumed to be made of isotropic material that can be described
by linear elasticity laws.
For the derivation of governing equations, small deflections and rotations are assumed so that the axial
load P acting on the beam remains parallel to its initial direction. Since the derivation is based on the
Euler-Bernoulli theory, it is assumed that an infinitely rigid planar cross-section remains planar and normal
to the neutral axis after the deformation, and the transverse shear deformation, rotary inertia effects and
warping are neglected. It is also assumed that the cross-sectional area of the tendon remains unchanged
after the deformation.
2.1. Derivation of the equations of motion and boundary conditions
The equations of motion describing the system and the corresponding boundary conditions (BCs) are
derived using Hamilton’s principle stated as
t2∫
t1
[δ(U − T )− δW ] dt = 0 (1)
where U is the potential energy, T is the kinetic energy, δW the virtual work of the non-conservative forces
and t1, t2 are two distinct, arbitrary times [1].
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where UB is the strain energy of the beam given by the Euler-Bernoulli theory [1], UP is the potential energy
associated with the tendon-induced axial force [7], Ut is the potential energy stored in the tendon [4], E is
Young’s modulus of elasticity, Iz and Iy are the moments of inertia of the cross-section about the y and
z axis, respectively, G is the shear modulus of elasticity, J is the torsional constant, A is the area of the
cross-section, Io is the polar moment of inertia of the cross-section, and ()
′ = ∂/∂x.








































where TB is the kinetic energy of the beam, Tt is the kinetic energy of the tendon, Ttip is the kinetic energy
associated with the tip mass, m is the mass per meter of the beam, mt is the mass per meter of the tendon,
Mtip is the mass of the attachment fixture that is used to attach the tendon, L is the length of the system,
and (̇) = ∂/∂t.




(Fwδw + Fvδv +Qφδφ) dx, (4)
where Fv and Fw are the excitation force in the y and z directions, and Qφ is the moment about x axis.
There are no external excitation forces applied to the tendon. The tendon motion is, however, excited
through the coupling with the beam, which is realised through the tip plate. As it is assumed that the
damping is very weak, so that it has negligible effect on natural frequencies and mode shapes, no virtual
work of dissipative forces was included in Eq. (4).
Submitting Eqs. (2), (3) and (4) into Eq. (1), integrating by parts and separating the variables yields
the following equations of motions
(EIzw
′′)′′ + (Pw′)′ +mẅ − Fw = 0, (5a)
(EIyv
′′)′′ + (Pv′)′ +mv̈ − Fv = 0, (5b)





φ̈−Qφ = 0, (5c)
− (Pw′t)′ +mtẅt = 0, (5d)
− (Pv′t)′ +mtv̈t = 0, (5e)



















































In order to determine the boundary conditions at the free and fixed end, the usual logic is used [1], i.e. the
displacements and slopes are zero at the fixed end, and their variations are arbitrary at the free end and
hence their coefficients must be equal to zero individually. The former leads to the well known conditions
for the fixed end, i.e. for x = 0
w = w′ = v = v′ = φ = wt = vt = 0, (7)
while the latter requires the expressions in curved brackets in Eq. (6) to be equal to zero, i.e. for x = L the
boundary conditions in which the coupling between the tendon and the beam has not been enforced can be
written as
− (EIzw′′)′ − Pw′ +Mtipẅ = 0, (8a)
EIzw
′′ = 0, (8b)
− (EIyv′′)′ − Pv′ +Mtipv̈ = 0, (8c)
EIyv
′′ = 0, (8d)
GJφ′ − P Io
A
φ′ = 0, (8e)
Pw′t = 0, (8f)
Pv′t = 0. (8g)
Equations (8a) and (8c) describe the shear effects at the tip of the beam. Equations (8b), (8d) and (8e)
express the fact that there are no bending moments or torque applied at the tip, and Eqs. (8f) and (8g)
describe the transversal forces at the end of the tendon.
In these boundary conditions, however, the important coupling between the tendon and the beam that is
realised through the tip attachment fixture and through which the tendon is excited has not been taken into
account. In order to introduce this coupling, suitable geometric and load continuity conditions are needed.
The geometric coupling requires the equality of displacements of the beam and the tendon at the free end,
i.e.
wt(t, L) = w(t, L), (9a)
vt(t, L) = v(t, L). (9b)
The load equilibrium is enforced by combining the boundary conditions in Eqs. (8f) and (8g), which can
be interpreted as the shear forces acting on the tip plate, with the shear conditions in Eqs. (8a) and (8c).
The shear equilibrium conditions (8a) and (8c) therefore become
− (EIzw′′)′ − Pw′ +Mtipẅ + Pw′t = 0, (10a)
− (EIyv′′)′ − Pv′ +Mtipv̈ + Pv′t = 0. (10b)
In order to obtain the final set of boundary conditions, Eqs. (8f) and (8g) are replaced by Eqs. (9a) and (9b),
leading to the set of BCs given by Eqs. (8b), (8d), (8e), (9) and (10). The final set of BCs is summarised
and further discussed in section 2.2.
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2.2. Final equations of motions and boundary conditions
The final equation of motion describing the cantilever beam with uniform parameters loaded by the
tendon are
EIzw
′′′′ + Pw′′ +mẅ = Fw, (11a)
EIyv
′′′′ + Pv′′ +mv̈ = Fv, (11b)





φ̈ = Qφ, (11c)
− Pw′′t +mtẅt = 0, (11d)
− Pv′′t +mtv̈t = 0. (11e)
The boundary conditions for the fixed end (x = 0) are
w = w′ = v = v′ = φ = wt = vt = 0 (12)
and for the free end (x = L) are
− EIzw′′′ − Pw′ +Mtipẅ + Pw′t = 0, (13a)
EIzw
′′ = 0, (13b)
− EIyv′′′ − Pv′ +Mtipv̈ + Pv′t = 0, (13c)
EIyv
′′ = 0, (13d)
GJφ′ − P Io
A
φ′ = 0, (13e)
wt = w, (13f)
vt = v. (13g)
Equations (11)-(13) create a system of two forth-order and three second-order partial differential equa-
tions (PDEs) with the corresponding number of boundary conditions. Since there is no coupling between
the different motions of the beam, and the coupling between the beam and the tendon is realised through the
tip mass only, there are no coupling terms in the equation of motion in Eq. (11). Therefore, Eqs. (11a), (11b)
and (11c) are formally the same as the PDEs for the bending and torsion of an axially loaded beam [1, 8, 9]
and Eqs. (11d) and (11e) formally appear to be the well-known wave equations [4, 7]. However, the crucial
difference between the developed system and the well-known equations lie in the boundary conditions that
ensure the coupling between the beam and the tendon. In particular, Eqs. (13a) and (13c) prescribe the
force equilibrium at the tip, and Eqs. (13f) and (13g) enforce the same tip displacements of the beam and the
tendon. Due to these coupling conditions, the motion of the beam excites the tendon which influences the
beam by applying the axial force. It can be therefore expected that there will be an interaction between the
bending of the beam and transversal motion of the tendon (the y and z direction are, however, uncoupled
due to symmetric cross-section and isotropic material). As can be seen in Eq. (13e) there is no coupling in
the torsional boundary condition since the tendon coincides with the neutral axis about which the cross-
section rotates. This implies that although the torsional modes are influenced by the tendon-induced axial
force, they do not interact directly with the tendon.
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2.3. Numerical modal analysis
In order to evaluate the modal properties (natural frequencies and mode shapes) of the beam-tendon
system, the excitation forces and moments in Eq. (11) are set to zero and an assumption of the normal mode
is used. A solution of any given dependent variable is expressed as the multiplication of the time-invariant
mode shape and the time-varying harmonic function of the constant frequency in the following form
w(t, x) = W (x)eiωt, v(t, x) = V (x)eiωt, φ(t, x) = Φ(x)eiωt,
wt(t, x) = Wt(x)e
iωt, vt(t, x) = Vt(x)e
iωt,
(14)
where ω is the angular natural frequency, and W (x), V (x),Φ(x),Wt(x), Vt(x) are the components of the
mode shape which represent, respectively, the bending in the z and y directions, the rotation about the
x axis, and the transversal motion of the tendon in the z and y directions. The complete mode shape of
the system can then be formally written as Ψ(x) = [W (x), V (x),Φ(x),Wt(x), Vt(x)]. The mode shape is
normalised so that the value of the dominant component is equal to unity at the tip. Since there is no
bending-torsion coupling, some of the components are zero for a given natural frequency. For example,
the beam-tendon system vibrating in the z direction has non-zero only W (x) and Wt(x) components since
the other components are not excited. For the clarity of presentation, only non-zero components will be
displayed in the results. In addition, the following terminology will be used in the rest of the paper. If the
mode shape is given by the motion of the beam, it will be refer to as a beam-dominated mode. On the
other hand, if the mode shape is determined by the tendon, the term tendon-dominated mode will be used
instead.
Substituting the normal mode forms into Eqs. (11), (12) and (13) allows one to eliminate time and
rewrite the PDEs into a system of first order ordinary differential equations (ODEs) that, together with the
BCs, define a boundary value problem. This boundary value problem is then be solved by a Matlab bvp4c
solver [21] for the unknown natural frequencies ω and corresponding mode shape components W (x), V (x),
φ(x), Wt(x) and Vt(x). This solver is very versatile since it uses a collocation method but may suffer from
a decreased numerical performance if an appropriate starting guess is not provided.
In order to obtain an appropriate starting guess, the following process, which is similar to the one
used in [20], was implemented. Instead of removing the excitation forces and moments in Eq. (11), the
harmonic excitation is assumed. By submitting the normal mode assumption to the system of equations
with the harmonic forcing, a slightly different boundary value problem can be defined. In this boundary
value problem, the excitation frequency ω is known and the response W (x), V (x), φ(x), Wt(x) and Vt(x)
can be evaluated from any non-zero starting guess easily. The natural frequencies and the mode shapes can
then be approximately estimated from the obtained responses and used as the initial guesses to evaluate the
natural frequencies and mode shapes accurately.
3. Experimental validation
In this section, the theoretical model is validated using a bench-top experiment. Firstly, the experimental
set-up is described, then the updating of the underlying beam model is carried out so the full beam-tendon
system can be eventually validated for multiple tendons and a range of loading conditions.
3.1. Experimental set-up description
The picture of the bench-top experiment can be seen in Fig. 2. The beam with a box cross-section is
rigidly clamped at one end and free at the other end. The tendon is attached to the tip using a small rigid
plate mounted at the free end of the beam, and passes freely inside the beam towards the clamp where its
traversal motion is mechanically constrained using a small magnet. The magnet is attached to the tendon
and attracted by the steel clamp. It ensures that the tendon is centred in the geometric centre of the beam’s
cross-section and can slide in the axial direction as necessary. This constrain also allows the tendon to be
modelled as having the same length as the beam. The tendon then continues through the clamp and pulley
and is attached to a hanging platform. The tension of the tendon, and hence the axial load applied to the
beam, is controlled by the amount of weight placed on the platform.
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Figure 2: Experimental set-up. The cantilever beam subjected to the tendon-induced axial force generated by the applied load
is excited by a shaker to obtain the frequency response functions for the estimation of modal properties which are then used
to validate the theoretical model.
The computed nominal properties of the beam seen in Fig. 2 are L = 1 m, A = 11.16× 10−5 m2,
EIz = 191.09 N m
2, EIy = 603.35 N m
2, GJ = 175.86 N m2 and Io = 11.43× 10−9 m4. The beam was
weighed and the distributed mass was found to be m = 0.2929 kg m−1. Several tendons were used in
this study as seen in the inset in Fig. 2. For the majority of presented results, the middle-size tendon B,
with mt = 0.0125 kg m
−1 is used. Tendons A and C are then used in section 3.5 to study the effect of
the tendon mass. Their mass per meter is 0.008 kg m−1 and 0.0285 kg m−1, respectively. The mass of the
tip plate is 0.0052 kg and the tendon attachment weighs approximately 0.001 kg so the total tip mass was
Mtip = 0.0062 kg.
The beam is excited using a modal shaker to obtain frequency response functions (FRFs). The shaker
was controlled via a modular control and data acquisition (DAQ) system. Random excitation was used
to excite the frequency range between 5 and 450 Hz and the response data were recorded using a small
uni-directional accelerometer. The weight of the used accelerometer was less than 1 g so it was not included
in the theoretical model. A higher number of accelerometers was not used because it was found that their
combined mass had a significant disturbing influence on the modal properties of the system and prevented
good comparison with the computed results. For the measurement of the frequency-loading (F-L) diagrams,
which depict the natural frequencies as a function of the applied load, the accelerometer was placed at the tip
of the beam as seen in Fig. 2. The accelerometer was moved along the x axis to measure the mode shapes
when required. The load was varied using the weights placed on the hanging platform in two kilogram
increments from 2 kg to 50 kg. The response data and the input force were used to estimate the FRFs using
the Hv-estimator [22] and the natural frequencies, damping and mode shapes were estimated using the least-
square complex frequency (LSCF) estimator [23]. The measurement was performed firstly in the z direction
and then in the y direction by rotating the beam in the clamp by 90 degrees (the shaker remained vertical).
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Each individual measurement was repeated three times to evaluate the repeatability of the experimental
results and to eliminate potential errors in the measurement chain and signal processing. The average of the
estimated modal properties is always shown in the following results and, when appropriate, the standard
deviation is added as well.
3.2. Underlying beam model validation
Before including the tendon into the experiment, the model of the beam with and without the tip mass
was validated. The purpose of this step was to obtain the underlying model of the beam, which is defined
using the PDEs in Eqs. (11a)-(11c) with P = 0, as accurately as possible so that the effect of the tendon
can be studied separately.
Firstly, the beam without the tip mass is considered. The comparison of the experimental and computed
natural frequencies is given in Tab. 1 and visualised in Fig. 3. In total, seven bending modes were
fexp [Hz] std [Hz] ζ [%] std [%] fnom [Hz] error [%] fupd [Hz] error [%]
1W 13.27 0.0017 0.485 0.0092 14.29 7.70 13.01 -1.99
1V 24.50 0.0010 0.065 0.0063 25.40 3.68 23.52 -4.01
2W 81.59 0.0032 0.491 0.0123 89.59 9.80 81.51 -0.09
2V 147.40 0.0013 0.023 0.0061 159.18 7.99 147.40 0.00
3W 219.33 0.0587 0.369 0.0984 250.84 14.37 228.23 4.06
3V 389.00 0.0451 0.027 0.0051 445.72 14.58 412.72 6.10
4W 421.15 0.0462 0.226 0.0057 491.55 16.72 447.24 6.19
Table 1: Comparison of experimental and computed natural frequencies and their relative errors for the beam without the tip
mass. xV and xW stands for the xth bending mode in the y and z direction, respectively, fexp are experimentally measured
natural frequencies, ζ are the damping ratios, fnom are the computed natural frequencies using the nominal parameters and
fupd are the computed natural frequencies using the updated parameters




































Figure 3: Comparison of the experimental and computed natural frequencies without the tendon and no tip mass: (a) the
average values and (b) the relative error. The standard deviation of experimental frequencies is smaller than the size of the
markers so it is not shown.
measured in the considered frequency range. Four of these modes represent the bending in the z direction
(marked by xW) and remaining three represent the bending in the y direction (marked by xV). The standard
deviation of the measured natural frequencies is very small, not exceeding 0.06 Hz, which indicates a very
good repeatability of the measurement and accuracy of the used modal parameter estimation method. The
damping ratio ζ was also measured despite not being used in the model. It can be seen that the damping
ratios as well as their standard deviations are very low (less than 0.5 % for all modes) so it can be assumed
that the damping has negligible effect on the natural frequencies and so the theoretical model used is valid
even without the dissipative effects.
The natural frequencies computed using the nominal parameters (marked by fnom) are compared to
the experimental values (marked by f exp) in Tab. 1 and Fig. 3. It can be seen that the error of the
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computed frequencies is quite significant since the relative error of almost all modes is greater than 5 % with
the greatest error almost 17 %. Therefore, it was decided to update the model parameters such that the
difference between the measured and computed modal properties is minimised. The bending rigidities EIy,
EIz were updated since the mass of the beam was measured and no other parameters influence the bending
natural frequencies. The updating was performed using a single-objective multi-variable optimisation using
a genetic algorithm [24], whereby the objective function was defined by the error between the measured and










f comi (EIy, EIz)
∣∣∣, (15)
where Nm = 7 is the number of the natural frequencies taken into account. The mode shapes have not been
included in the objective function, because all the modal assurance criteria (MAC) [25] values were very
close to 1 even without updating.
The updated bending rigidities, EIupdy , EI
upd
z were 517.33 N m
2 and 157.79 N m2, respectively, which
represents 85.7 % and 82.6 % of their nominal values, respectively. The updated natural frequencies (marked
by fupd) and their comparison with the experimental values can be seen in Tab. 1 and Fig. 3. The overall
character of the error between the measured and updated frequencies is very different. The error of almost
all modes has decreased under the 5 % threshold. The error of the 6th and 7th mode, despite decreasing
significantly, remained higher than 5 %.
Having identified the parameters of the beam model without the tip mass, the tip mass was added, and
the resulting computed (marked by f com) and corresponding experimental results are compared in Tab. 2 and
Fig. 4. No additional updating was performed because the tip mass could be easily measured. As expected,
fexp [Hz] std [Hz] ζ [%] std [%] fcom [Hz] error [%]
1W 12.77 0.0013 0.496 0.0327 12.56 -1.60
1V 23.61 0.0017 0.074 0.0021 22.72 -3.76
2W 79.05 0.0037 0.456 0.0378 78.90 -0.19
2V 142.94 0.0117 0.029 0.0058 142.68 -0.18
3W 212.83 0.0171 0.408 0.0672 221.29 3.97
3V 378.27 0.0234 0.031 0.0049 400.17 5.79
4W 408.97 0.0062 0.171 0.0046 434.30 6.19
Table 2: Comparison of the experimental and computed natural frequencies and their relative errors for the beam with the tip
mass













































Figure 4: Comparison of experimental and computed natural frequency with the tip mass and no tendon: (a) average values
and (b) the relative error.
the magnitude of all measured natural frequencies reduced when the tip mass was added, while the standard
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deviation did not significantly changed. The damping ratios have not been significantly influenced by the
presence of the tip mass. As seen from the comparison of computed and experimental natural frequencies,
the errors have decreased when the tip mass was added. The error of the 6th and 7th mode is still higher
than 5 %. The errors of all other modes are lower than 5 % which is herein considered as an acceptable error.
It is believed that the remaining error at higher modes is caused by an inherent feature of Euler-Bernoulli
theory that is known to overestimate the natural frequencies of higher modes [6, 26].
Up to this point, mainly the natural frequencies have been discussed. However, the modes shapes were
also extracted from the measured FRFs. The comparison the mode shapes computed using the updated
rigidities and including the tip mass with the experimentally measured ones is shown in Fig. 5. As can
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Figure 5: Comparison of the measured and computed beam mode shapes components (W (x) and V (x)), and their auto MAC
values: (a)-(g) the first seven bending modes shapes (the x-axis is the position along the beam in centimetres while the y-axis
shows the values of the mode shapes). The components of the mode shapes that are not shown are equal to zero.
be seen all the MAC values are higher than 0.96 so the agreement between the experimentally measured
and computed modes shape is very good. When compared with the predicted mode shapes, the measured
mode shapes indicate slightly increased mobility in the proximity of the fixed root boundary condition. It
is therefore possible that further modelling improvement can be achieved by introducing more detailed root
boundary condition. However, this effort is not followed further here because the developed model is deemed
to be sufficiently representative of the under-lying beam dynamics.
3.3. The beam-tendon model validation
In the previous section, the parameters of the beam model have been updated using the experimental
data obtained for the beam without the tip mass and it was shown that the error of this model remained
acceptable even when the tip mass was added. In this section, the validation of the full systems of PDEs
(Eq. (11)) and BCs (Eq. (12) and (13)) describing the beam-tendon system is performed. The validation is
performed for the middle-size tendon B (seen in Fig. 2). In the following, the applied load is discussed in
terms of weight placed on the hanging platform, marked as ML, since this is intuitively easier to interpret.
The relation between the tendon tension and the weight is approximately P = MLg, where g is a gravitational
constant equal to 9.81 m s−2 and the effect of the friction between the tendon and the pulley is assumed to
be negligible.
The frequency-loading diagram obtained for the y and z directions is shown in Fig. 6. The average of the
experimentally measured natural frequencies is shown using the markers (the standard deviation is smaller
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Figure 6: The frequency-loading (F-L) diagram showing the dependence of the natural frequencies on the applied load for the
middle-size tendon B.
than the size of the markers, so it is not shown for clarity), and the computed results are shown using solid
and dashed lines. The measured and computed natural frequencies of the beam with the tip mass but no
tendon (from Tab. 2), are also shown as a reference.
Two sets of frequency loci can be distinguished in the F-L diagram. There are seven beam-dominated
modes present whose frequency loci appear to be almost parallel to the x-axis, but in fact, they decrease
slightly with the increasing load. This decrease in the natural frequencies is caused by the tendon-induced
axial force which increases by increasing the applied force. The same effect of the compressive axial force
was also observed in studies about structural stability of axially-loaded beams [8, 9]. This decrease is
emphasised in more detail for the first mode in Fig. 9. It can also be noticed that for very low applied load,
these frequency loci are very close to the natural frequencies obtained for the beam without the tendon.
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The other set of natural frequencies, which increase rapidly with the added weight, are the tendon-
dominated modes. Experimentally, eight of such modes were captured, while numerically many more were
computed in the low applied weight region (approximately < 5 kg) where it was not possible to excite
these modes experimentally. It can be noticed in the upper part of the F-L diagram that there is a small
difference in the frequencies of tendon-dominated modes measured in the y and z directions. The former set
of frequencies are lower than the latter ones. However, the values of the natural frequencies of the tendon-
dominated modes are expected to be the same in both directions (as also confirmed by the numerical
results) since the tendon is symmetric. The error in the experimental measurements is probably related
to the change of the test-rig layout that must have been made to measure the system vibration in the y
direction. The orientation of the beam-tendon system was changed by rotating it by 90 degrees such that the
y direction could have been measured while keeping the shaker in its original vertical position. This change
also required the adjustment of the transversal tendon attachment in the clamp realised by a magnet. This
change of the layout then probably yielded the discrepancies between the two sets of the tendon-dominated
modes. However, as seen in the F-L diagram in Fig. 6, they are not significant at lower modes and manifest
themselves only at higher ones, so they do not jeopardise the validity of the results.
The beam-dominated and tendon-dominated modes interact with each other through the frequency loci
veering phenomenon [17, 27, 28]. The number of veering interactions is very high for the higher frequency
and lower loading region due to the presence of the large number of the tendon-dominated modes. Two
selected veering regions, including the measured beam mode shape components and damping ratios, are
discussed in more detail in section 3.4. It is noted that when not veering the tendon-dominated modes are
characterised by very low beam activity. Consequently, this aspect of the tendon dynamics asymmetry is
found to be negligible when away from the veering regions. On the other hand, in this study, an approach to
the veering regions is accompanied by increasing beam activity in one bending direction. This is the stage
when the boundary condition asymmetry produces selective modal interaction between the two initially
nearly identical tendon frequencies, with one mode featuring veering and the other continuing unaffected
toward modal crossing.
Overall, the agreement between the experiment and theoretical results is very satisfactory. In particular,
the bottom half of the F-L diagram exhibits an excellent agreement. In the upper half, the computed and
experimentally measured modes show the same trends, but with the systematic errors manifested as the
frequency offsets. It can be noticed, especially in the last three beam-dominated modes, that the frequency
offset is almost constant for all applied weights. Moreover, this offset is equal to the initial error between
the measured and computed values for the beam with the tip mass, but without the tendon. Therefore,
it can be concluded that since the error between the measured and experimental frequency loci at higher
frequencies is invariant to the applied load while the correct anticipated trends are observed, the effect of
the tendon is captured correctly by the theoretical model and the discrepancies merely originate from the
error given by the underlying beam model.
3.4. Veering in the beam-tendon system
The veering phenomenon, whereby two frequency loci veer away and diverge instead of crossing, has been
observed in many structural systems [17, 27]. During veering, the modes swap all their properties and the
mode shapes rapidly rotate [28]. The veering typically occurs due to a variable parameter whose increase
leads to smooth changes in the natural frequencies and hence their interaction. In the beam-tendon system,
the veering is caused by the variation of the tendon-induced axial force.
Two of the many veering regions seen in Fig. 6 are enlarged in Fig. 7. The natural frequencies are
displayed including their standard deviations. The computed and experimentally measured mode shape
components of the beam (W (x) and V (x)) and estimated damping ratios are also added to illustrate the
veering. Since it was not possible to place any sensor on the tendon, its mode shape contributions (Wt(x)
and Vt(x)) could not have been experimentally measured so only the computed results are shown.
There is a major difference between Fig. 7(a) and Fig. 7(b). While the former shows the veering between
the bending and tendon modes in the z direction, the latter shows the veering between the modes in the y
direction. In both cases, the tendon-dominated mode in the orthogonal direction passes through the veering
region unchanged. Before and after the veering region, the tendon-dominated modes in both directions are
14
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Figure 7: Frequency loci veering in the beam-tendon system: (a) in the z direction and (b) in the y direction. The numerical
values in the insets are the experimentally estimated damping ratios ζ in %.
identical due to the cross-sectional symmetry of the tendon as seen in Fig. 6. However, when approaching the
frequency locus of the beam-dominated mode, the tendon-dominated mode in the corresponding direction
starts to veer away from the beam-dominated mode while the other tendon-dominated mode (which has the
same shape, but in the orthogonal direction) continues through the veering region unchanged.
Both veering regions exhibit the typical signs of veering - with the increasing tendon tension, two fre-
quency loci initially converge, but then suddenly diverge and follow the trajectory of the other mode while
swapping all their properties including the damping ratios and mode shapes that also changes phase. For
example, focusing on Fig. 7(a) it can be seen that the beam component of the mode shape in inset 1a is
the same as the corresponding mode shape component in inset 3c which is associated with the different
frequency locus and where the orientation of the tendon mode shape component changed. Similarly, the
mode in inset 3a swapped with that in 1c and the orientation of the tendon mode shape component changed.
As explained, the frequency curve which passes through the veering regions unaffected is associated with
the motion of the tendon in the orthogonal bending direction. Since it is not influenced by the veering
the associated mode shapes and damping ratios are unaffected. The agreement between the experimentally
measured and computed modes shapes is very good since virtually no discrepancies can be observed.
The extracted damping ratios also seem to demonstrate all signs of veering. Although the damping ratios
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were measured with the standard deviations higher than the ones for the beam without the tendon, it is
apparent that the tendon-dominated modes are lightly damped (with the damping ratio about 0.1 %) while
the damping ratio of the beam-dominated modes is higher (about 0.5 % for the bending in z direction).
Additionally, the damping ratios measured for the beam-dominated modes of the beam-tendon system are
very close to those measured for the beam without the tendon as documented in section 3.2. This indicates
that the tendon does not introduce any substantial damping effects into the system. All the observations
presented for Fig. 7(a) can be equally made for Fig. 7(b), including the mode shape and damping ratio
swaps.
3.5. Effect of the tendon mass
So far, only the tendon B (seen in Fig. 2) has been used. In this section, two more tendon sizes, one
thinner and one thicker than the tendon B, are tested. Besides the difference in the tendon, the test rig and
measurement procedure were exactly the same as in the previous cases. The measurements were performed
in the z direction only.
The comparison of the measured and computed F-L diagrams is shown in Fig. 8. It can be seen that
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Figure 8: Frequency-loading diagrams for the beam-tendon system: (a) thin tendon A and (b) thick tendon C. The number of
tendon-dominated modes and their rates of increase are different in each case.
the agreement between the two sets of results is very good. The discrepancies can be explained by the same
argumentation as in section 3.3 for the tendon B, i.e. the frequency offsets occurring in the upper half of
the F-L diagram for the beam-dominated modes are caused by the error in the underlying beam model.
16
The effect of the tendon mass is apparent when comparing Fig. 8(a), Fig. 6 and Fig. 8(b), which were
obtained for the thin, medium, and thick tendon, respectively. The natural frequencies of the tendon-
dominated modes for the thicker tendons are lower than those for the thinner ones and their rate of frequency
increase with the load is also more gradual. This means that heavier tendons produce the F-L diagram that
is more densely populated by the tendon-dominated modes than the same F-L diagram obtained for the
lighter tendons. Consequently, the veering regions shift so they appear at lower loading. For example, the
veering region studied in Fig. 7(a) that occurred in a proximity of 30 kg for tendon B, shifted to 18 kg for the
thin tendon A and is not visible at all for the tendon C (the veering presumably takes place around 60 kg
which is outside the measured loading range). Similar shifts can be observed for all other veering regions as
well.
The good global agreement between the computed and experimental results has been obtained for all
presented results. Here, the focus is on the fine agreement between the measured and computed frequency
loci of the first mode. The first bending mode (1W) for all three tendons is shown in Fig. 9. The standard
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Figure 9: Comparison of the experimental (shown including the standard deviation) and computed natural frequencies of the
first bending mode for the beam-tendon system with all three tested tendons.
deviation displayed is very small - in a vast majority of cases it is much less than 0.1 Hz which gives confidence
in the experimental repeatability. The computed frequencies are slightly lower than the measured ones even
for the very low loading. As in the previous cases, this is consistent with the error that originates from the
underlying model of the beam. It is seen that thicker the tendon, lower the frequency for given load. This
is in line with the increase of the total mass of the system caused by the presence of the heavier tendon.
All the experimental and computed frequency loci decrease with increasing load. However, their rates of
decrease are different. For the computed frequency loci, the rates of decrease seem to be the same while for
the experimental results, slight differences can be observed between the used tendons. These differences can
be explained by the presence of the pulley in the experimental set-up that introduces some friction. For the
thinnest and lightest tendon A, the rate of decrease matches well to the computed one. This is observed,
because the contact area between the pulley and the tendon is minimal. For the middle-size tendon B, the
rate of decrease of the experimental frequencies is slightly different from the measured one. It appears as if
more applied load (weight placed on the hanging platform) would be needed to obtain the computed rate
of decrease. This implies that the tendon-induced axial force at the tip of the beam is lowered, most likely,
by the friction between the pulley and the tendon. This consequently causes the slight difference between
the measured and computed results. The effect is further magnified for the thickest and heavies tendon C,
which produced the most significant discrepancies with the increasing load, because there is a large contact
area between the pulley and the tendon. Therefore, all the features observed in Fig. 9 can be satisfactory
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explained. Moreover, the discrepancies due to friction are very small occurring in the range of tenths of a
hertz.
4. Further numerical studies
In this section, two numerical studies that extend the results beyond the capacities of the experiment
are presented. Firstly, the effect of the tendon on the torsional vibration mode is studied and secondly,
the structural stability of the beam-tendon system is investigated. These studies are performed for the
beam-tendon system which was previously validated using the experiment.
4.1. The effect of the tendon on torsional vibration modes
The effect of the tendon B on the first torsional vibration mode is studied. It can be seen from the
governing PDEs (Eq. (11)) and the BCs (Eq. (12) and Eq. (13)) that the torsional modes are influenced
only by the tendon-induced axial force P , but are not coupled with the motion of the tendon in any direction.
Therefore, there should be no interaction between the torsional modes of the beam and tendon-dominated
ones. This is also confirmed by the numerical results shown in Fig. 10. From the computational standpoint,
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Figure 10: The effect of the tendon on the torsional modes. While the veering is present between tendon-dominated and
bending modes of the system, no veering with the torsional mode is produced.
it is clear that the first torsional mode is not coupled with the rest of the modes because there is no veering
observed across the locus of that mode. The distinction between the bending and torsional modes is very
clear. While the higher bending modes interact with the tendon-dominated modes (many veering regions
can be seen), the torsional mode is completely unaffected by the presence of the tendon-dominated modes
as they cross the torsional mode. However, the tendon-induced axial force still causes a slight decrease
of the natural frequency of the torsional mode (less than 0.05 Hz) in the considered loading region. It was
suggested in [18] that if the tendon is placed eccentrically (away from the neutral axis) or, if there is bending-
torsion coupling due to the offset between the elastic and mass axes of the beam, the tendon will have more
pronounced effect on the torsional modes. However, a more detailed study and experimental demonstration
of this phenomenon must be carried out in the future.
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4.2. Structural stability
The final numerical study investigates the structural stability of the system. As the beam is axially
loaded the structural stability may be of concern in a number of practical applications. The loss of structural
stability occurs at the critical force when the lowest natural frequency of the system reaches zero [7–9]. In
order to find the critical force, the F-L diagram is computed for a wider range of the tendon tension so
the first two natural frequencies (1W and 1V) drop to zero. The F-L diagram for the first two modes is
shown in Fig. 11. It can be seen that the natural frequencies do not decrease in a linear manner over the
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Figure 11: Structural stability of the beam-tendon system. The first two critical loads of the system are given by the weights
in which the frequency loci intersect the x-axis.
whole loading region. For the low applied load, the frequency loci decrease gradually, but later the decrease
becomes rapid in the close proximity of the critical load. This trend is in line with the studies of an axially
loaded cantilever beam [7]. From Fig. 11, the computed critical loads are 158.78 kg and 520.45 kg. The
critical force does not depend on the tendon mass as seen in Fig. 11. This is understandable, because the
loss of stability occurs due to the applied axial load which is invariant to the tendon properties and its
motion. The same critical loads can also be computed analytically for a model of buckling column loaded
by an axial force that points to a fixed point. Such model was developed to represent a situation in which
the axial force is induced by a cable [9]. Therefore, although the analytical theory only models the loading
effect of the cable and the theoretical model developed in this paper models the motion of the cable, both
models should yield comparable critical forces. The analytical expression for the first critical force obtained





and the critical weight is equal to Pcr/g. Evaluating the analytical critical force for the z and y directions
gives the value of 158.75 kg and 520.47 kg, respectively. Therefore, both models lead to the same critical
force. This can be considered to be an additional validation of the developed model. As noted in [9]
the obtained critical force is four times greater than the classical Euler bucking force of an axially loaded
cantilever beam. This is caused by the emergence of the transverse forces at the tip of the beam, which are
included in the boundary conditions in Eqs. (13a) and (13c) as the shear forces and which counteract the
tendency for bucking and therefore lead to the higher critical load.
5. Discussion
In the previous sections the theoretical model of the coupled beam-tendon system has been derived,
its experimental validation has been conducted and two further numerical studies have been presented. In
this section, the main findings, assumptions and limitations, and a possible application of the beam-tendon
system are discussed.
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The validation of the theoretical model derived using Hamilton’s principle was conducted using the
bench-top experiment. Throughout the paper, a good agreement between the experimental and computed
results has been shown and it has been found that the tendon introduces two effects in the beam-tendon
system. Firstly, it reduces the natural frequency of the beam-dominated modes due to the effect of the
tendon-induced axial force and, secondly, it creates a number of veering regions due to the presence of a
number of new, tendon-dominated modes. Both of these findings were also obtained in [17–19], but the latter
was not observed in other studies [12–14, 20] where only the former effect was captured while modelling the
tendon as an axial force. The study of different tendons highlighted that thicker, heavier tendons produce
more vibration modes in the same frequency range. In addition, the rate of frequency increase with the
applied tension is lower than for thinner, lighter tendons. Two further numerical studies complemented the
experimental validation by showing that the torsional modes are not coupled to the tendon, and the correct
prediction of the critical compressive forces is achieved with the proposed model.
A number of assumptions have been considered to derive the governing equations of motion. Most
importantly, the Euler-Bernoulli theory was used and the tendon was modelled as a taut string where it
was assumed that its diameter remains constant [4]. In order to facilitate the Euler-Bernoulli theory, the
transverse shear deformation, rotary inertia effects and the sectional warping of the beam were neglected [1].
The comparison of the theoretical and experimental natural frequencies of the under-lying beam model
performed in section 3.2 showed that the error in the theoretical natural frequencies of higher bending
modes is more than 5%. Similar errors were observed in other studies about cantilever Euler-Bernoulli
beams. For example, in [29] free vibration analysis of aluminium and mild steel cantilever beams with a
rectangular cross-section was conducted. It was found that the error between theoretical and experimental
natural frequencies is low for the first two modes (about 2%) and much higher (up to 21%) for higher modes.
Similarly, in [30] free vibration of beams carrying masses and springs elements was investigated. It was found
that regardless of the addition mass and spring, there is an error between the theoretical and experimental
natural frequencies that is increasing for higher modes (up to 12% error for the 4th bending mode). The
errors observed in this paper and in the previous studies can be attributed to the known limitation of the
Euler-Bernoulli theory that overestimates the natural frequencies of higher modes [1, 6, 26].
In the present paper, the beam-tendon system has been studied without any particular application in
focus. However, it was suggested in [18, 19, 31, 32] that such a system could be ultimately incorporated
in rotorcraft to introduce a means of controlling its dynamics properties. By changing the tension of the
tendon, the natural frequencies of rotorcraft blade could be adjusted and this in turn should enable rotorcraft
to operate over a wider range of rotor configurations or with variable rotor speed, thereby increasing their
efficiency and decreasing their fuel burn, air pollution and noise emission in the future.
6. Conclusion
In this paper, the theoretical model of the beam-tendon system has been derived and thoroughly exper-
imentally validated. It has been found that the natural frequencies vary with the applied tendon tension.
While the frequencies of the beam-dominated modes decrease gradually, the frequencies of the tendon-
dominated modes increase rapidly. Consequently, many veering regions occur between the beam- and
tendon-dominated modes. The numerical and experimental study of the tendon mass also revealed that
heavier tendons produce lower natural frequencies with slower rate of increase. Further numerical studies
also showed that the tendon has a very little effect on the torsional modes and the structural stability of
the system can be correctly predicted.
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